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Abstract 
 

In the present study, the natural convection heat transfer coefficient from V-type fin-arrays on a vertical base is investigated both ex-

perimentally and numerically. The CFD simulations are carried out using Fluent software. The investigated cases consist of different 

shapes of a 90-degree V-type fin which are broken into discrete pieces instead of being an integrated fin. The number and shape of pieces 

as well as the gap between them is studied for different cases. By scrutinizing the results, an optimum fin shape on a vertical base is de-

termined. In addition, the optimum V-type fin array is introduced by studying the number of rows for the optimum fin shape. Finally, a 

correlation is presented which relates the Nusselt number with the modified Rayleigh number.    
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1. Introduction 

Due to the rapid development of technology, electronic de-

vices are a part of our ordinary life. Considering multi-

functioning, high clock speed, shrinking package size and 

higher power dissipation in electronic devices, the heat flux 

per unit area has increased dramatically over the past few 

years. Besides, the working temperature of the electronic 

components may exceed the desired temperature level. Thus, 

the effective removal of heat dissipations and maintaining the 

die at a safe operating temperature plays an important role to 

ensure a reliable operation of electronic components. 

There are various methods to cool electronics, such as air 

flow cooling, heat pipe, etc. Air flow with heat sink was used 

in conventional electronics cooling systems which would 

show superiority in terms of unit price, weight and reliability. 

Therefore, the most common way to enhance the air-cooling is 

through the utilization of air flow on a heat sink. 

In order to dispose the boundary layer restrictions and de-

velop a compact high-performance heat transfer plate, some 

investigators have developed horizontal partition and V-

shaped plates. Firstly, Misumi and Kitamura [1] have reported 

an experimental work on enhancement of natural convection 

heat transfer from vertical plate having a horizontal partition 

and V-shape plates in water circumference. They found that 

the heat transfer in the downstream region of the partition 

plate is remarkably enhanced when the plate height exceeds 

certain critical values due to the inflow of the low temperature 

fluid into the separation region. For vertical plate with V-

shaped fins, the obtained heat transfer coefficient is 40% 

higher than the conventional fins. Furthermore, it is observed 

that the ratio of the heat transfer enhancement exceeds the 

ratio of the surface enlargement. Moreover, the enhancement 

obtained for horizontal partition plate and vertical fin is less 

than V-plate. This heat transfer enhancing technique is further 

investigated experimentally, in air as the circumference by 

Parishwad et al. [2]. 

Bhavnani and Bergles [3] used an interferometry technique 

to determine local heat transfer coefficients for surfaces with 

repeated ribs and steps. The ribbed surfaces, which were 

tested, had square cross-section with rib height of 6.35 and 

3.18 mm, spaced at 25.4 mm intervals. The ribs were made of 

aluminum on vertical plate with constant wall temperature. 

The flow was laminar. The maximum increase in average heat 

transfer coefficient was 23.2% with a step pitch to-height ratio 

of 16. The study indicated the presence of an optimum step 

pitch-to-height ratio while all ribbed surfaces resulted in de-

graded heat transfer performance. The work by Heya et al. [4] 

suggests that the roughness elements which height is less than 

the boundary layer thickness will have no appreciable influ-

ence on the heat transfer of natural convection and these ele-

ments will work as flow retarder rather than the heat transfer 

promoter. The above mentioned references show the necessity 

of studying and optimization of V-type ribs on vertical base 

plate. 
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2. Experimental apparatus 

The set-up consists of various instruments for measuring the 

ambient temperature, rear surface of the main heater tempera-

ture, the temperature of the front surface of guard heater the 

temperature of the air (as close as possible to fin configura-

tion), close to fin configuration, and the input power of both 

heaters. Homogeneous and constant heating is ensured by 

using a thermo-foil laminar heater which is attached to the rear 

of the base plate in fin configuration. Special attention was 

paid for the insulation of the rear surface of the main heater. 

To choose a suitable insulation, we know that only the thick-

ness (L) and the thermal conductivity (k) of insulation are 

important for the conduction of heat through it. Hence, the 

heat loss through plate can be eliminated by letting either 

L→∞ or k→0. Since a plate of L→∞ or k→0 is physically 

impossible, the foregoing insulation may never be accom-

plished in the absolute sense. However, the larger the thick-

ness or the smaller the thermal conductivity, the better the 

insulation will be. If the heat loss through plate is desired to be 

completely eliminated, the use of another heater becomes 

necessary. The second heater, often referred to as the guard 

heater, is an important experimental tool for the control of heat 

transfer [5]. Then, by properly adjusting the power supply to 

the guard heater, all internal energy generated in the main 

heater may be transferred through other surfaces of it. There-

fore, the gap between the rear surface of the main heater and 

the front surface of guard heater is filled by epoxy and hard-

ener. The temperature of the surfaces of epoxy plate, which 

are in contact with heaters is adjusted at the same degree, 

which almost eliminates the heat loss from the rear surface of 

main heater. The lateral surfaces of both heaters and the rear 

surface of the guard heater are insulated by rock wool.  

The experiments are conducted with constant temperature 

in air circumference excluding air currents. Fig. 1 shows the 

power circuit. The electrical power was supplied through a 

regulated AC power supply. The input power of the main 

heater could be selected precisely by feeding the power to a 

variable transformer (variac). The voltage drop and the current 

flow were monitored by a voltmeter-ammeter combination; 

the supplied power is calculated by multiplying the voltage 

drop and the current through the heater. 

The temperatures beside the heat sink are presented by tem-

perature patterns. For given Yexp locations, we extract tem-

perature profiles, expressed as temperature vs. the distance 

perpendicular to the heat sink of the measure T=f (Zexp). Fig. 2 

shows temperature profile beside the vertical plate. Equations 

for these curves are obtained by polynomial fitting. The calcu-

lated slope, which is deduced from curve equation, allows us 

to calculate local heat transfer coefficient, hy. Therefore, the 

local Nusselt number is deduced from Eq. (1).  
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where expZ∆ represents the space step in perpendicular 

direction to the plate, and Ti (i=1, 2, 3) is the successive 

temperature which is measured along a profile, beside the heat 

sink, along a profile ( )expT f Z= . 

A schematic view of experimental setup and experimental 

apparatus is presented in Fig. 3. The material of heat sink is 

selected as aluminum alloy 6061 and has a thermal 

conductivity value of 168 W/m℃. The areas of the both 

heaters are 80 mm x 59.8 mm. 

The accuracy of experimental results depends upon the ac-

curacy of the individual measuring instruments and the manu-

facturing accuracy of the test section. Based on the error the-

ory, the total uncertainty, U comprises of uncertainties of 

many experimental parameters, which influence on the ex-

periment. For a value of M, whose results depend on uncorre-

lated input estimates x1, x2, . . ., xN, the standard measurement 

uncertainty is obtained by appropriately combining the stan-

dard uncertainties of these input estimates. The combined 

standard uncertainties of the estimate M denoted by U is cal-

culated from the following equations [8]. 

 
 

Fig. 1. Power circuit of experimental apparatus. 

 

 

Fig. 2. Temperature profile beside the vertical plate (∆T = 74.2). 
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where f is the function of M in terms of input, estimates x1, 

x2, . . ., xN, and each U(xi) is a standard input uncertainty. Ta-

ble 1 lists the experimental values of the directly measured 

parameters and the associated uncertainties. Thus, the experi-

mental uncertainties of the convection heat transfer coefficient 

were estimated to be -3.5%. 

 

3. Analysis and modeling 

The basic geometry of fin configuration which is studied in 

this article, and is fabricated by CNC machine tool, is shown 

in Fig. 4. The numerical simulation was conducted using Flu-

ent V6.3, a commercially available CFD code based on the 

finite volume method. The convergence of the computational 

solution is determined based on residuals for the continuity 

and energy equations. 

Solid modeling, computational grid generation and meshing 

were done using Gambit Preprocessor 2.2.30 Software. In 

Gambit session, the base plate, the fin configurations and 

heaters were defined as the walls, all other remaining bounda-

ries were defined as pressure outlet. 

The grid dependence was investigated by varying the num-

ber of grid points from 22,680 to 285,714. We selected 65,016 

grid points. Governing equations are solved using a finite vol-

ume approach. The convective terms are discretized using the 

power-law scheme, whereas for diffusive terms the central 

difference is employed. Coupling between the velocity and 

pressure is made with SIMPLE algorithm. The resultant sys-

tem of discretized linear algebraic equations is solved with an 

alternating direction implicit scheme. 

The governing equations which is used, in this study are as 

follows. 

 

Continuity equation: 
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Fig. 3. Schematic view of experimental setup and experimental appara-

tus. 

 

Table 1. Measuring instruments range and accuracy. 
 

Description Model Range Accuracy 

Temp. of ambient K type  -200 to 1000 ±0.1℃ 

Temp. of surtace K type -200 to 1000 ±0.1℃ 

Voltage measurement Variac 0 to 400 ±0.1 V 

Ampere-meter Multimeter 0 to 20 ±0.1 A 

Lentgh measurement Caliper 6 ±0.001 m 

 

 

 
 

Fig. 4. Fabricated geometry of V-type fin. 
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Y-momentum equation: 
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Z-momentum equation: 
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Energy equation: 
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For the numerical analysis, the following assumptions are 

applied. 

(1) The flow is steady, laminar, and three-dimensional. 

(2) Aside from density, the properties of the fluid are inde-

pendent of temperature. 

(3) Air density is calculated by treating air as an ideal gas. 

(4) Radiation heat transfer is negligible. 

The average convection heat transfer coefficient h  is cal-

culated by 
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The average Nusselt number Nu  is calculated by 

 

a
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where ka is evaluated at the film temperature Tf 
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4. Results and discussion 

The numerical and experimental results are validated. In 

this study, to verify the numerical and experimental results, 

the results which are gained from this study for laminar air 

flow over a vertical plate with length 0.08 m were plotted with 

Churchill and Chu [6], Eq. (10), and McAdams [7], Eq. (11), 

correlations, as displayed in Fig. 5. These results reveal that 

except for the McAdams’ correlation, which is a very rough 

correlation, the experimental and numerical results are to the 

same extent in good agreement with the results from literature. 

The average error between experimental and numerical results 

is 6.0%. 
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Fig. 6 shows the schematic view of studied fin configura-

tions. By studying these cases, the effect of the number, gap 

(d) and also the shape of pieces on natural convection heat 

transfer are studied.  

As shown in Fig. 7, the heat transfer coefficients of cases 2-

4 are smaller to that of case 1. The cause of this reverse pat-

tern is that when the pieces are at the minimum space (cases 2-

4), on the one hand, fin configuration (unlike case 1) lost its 

suction ability (The low pressure region created at the apex 

zone of V fin enabling suction effect). On the other hand, due 

to the small distance between the pieces of fins, there is no 

possibility of free flow of air around the pieces and fins act as 

barrier against air flow. Then, these three cases have smaller 

heat transfer coefficient than case 1. The increase in the num-

ber of pieces, cases 2-4, and gap between them, cases 4-6, 

leads into an increase in the ratio of natural convection heat 

transfer coefficient for fin configuration, regardless of base 

plate, to that of vertical plate. In addition, the effect of changes 

in the shape of small edges on the pieces is studied. In cases 6 

and 7, these edges are both vertical and horizontal, respec-

tively. In cases 8 and 9, one edge is vertical and the other is 

horizontal for each of them. According to this figure, with 

constant number of pieces and “d”, the ratio of natural convec-

tion heat transfer coefficient for fin configuration, regardless 

of base plate, to that of vertical plate is maximized for case 8. 

 

Fig. 5. Verifying the experimental and numerical results. 
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The effect of varying the space between the rows is also 

studied for the optimum fin shape in one row and on the verti-

cal base. Table 2 denotes the dimensions and characteristics of 

different uniform fin configurations for aluminum heat sinks 

which are considered in the present work. Fig. 8 illustrates at a 

given difference between base and ambient temperature, the 

thermal resistance of fin array decreases with respect to the 

decrease in dimensionless parameter of row spacing, in other 

words by increasing the number of fins, thermal resistance 

decreases. The variation of heat transfer coefficient of fin con-

figurations versus row spacing (S), at two different tempera-

ture difference, is shown in Fig. 9. At a given difference be-

tween base and ambient temperature, the natural convection 

heat transfer coefficient of fin array increases with respect to 

the increase in row spacing and reaches a maximum; then, it 

falls. The row spacing value, for which the natural convection 

heat transfer coefficient is maximum, is called optimum row 

spacing. In this case study, the optimum row spacing is 15 

mm (Type-c).  

It is possible to reach to a useful correlation for laminar air 

which relates the Nusselt number to the Rayleigh number. 

 
 

Fig. 6. Schematic view of studied fin configurations. 

 

 

Fig. 7. The ratio of natural convection heat transfer coefficient for the 9 

cases (Numerical data). 

 

Table 2. Dimensions of the fin configurations. 
 

Fin-type 
Fin height 

H(mm) 

Row spacing 

S(mm) 

Number of rows 

(n) 

Fin thickness 

t(mm) 

Type-a 15 80 1 1 

Type-b 15 30 3 1 

Type-c 15 15 5 1 

Type-d 15 7.5 9 1 

Type-e 15 6 11 1 

Type-f 15 5 13 1 

Type-g 15 4 16 1 

Base length (L=80 mm) Base width (W=59.8 mm) 

 

 
 

Fig. 8. Thermal resistance of fin configurations vs dimensionless pa-

rameter of row spacing (S\L) (Experimental date). 

 

 
 

Fig. 9. Variation of heat transfer coefficient of fin configurations with 

S\L. 
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According to the most of laminar natural convection correla-

tions, the Nusselt number is proportional to 0.25Ra . In this 

correlation, the Rayleigh number has the same power (0.25). 

Therefore, the variation of the forth power of natural convec-

tion heat transfer coefficient versus dimensionless parameter 

of row spacing (S\L) is plotted in Fig. 10. Rational curve fit-

ting of this data (Nelder function, Eq. (12)) results in the de-

termination of the correlation of forth power of natural con-

vection heat transfer coefficient versus S\L, Eq. (13). Then, 

having defined the modified Rayleigh number as Eq. (14), and 

having substituted Eq. (14) into Eq. (13), a correlation for 

variation of Nusselt number versus modified Rayleigh number, 

as Eq. (15), is obtained. 
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To dig out the reason why by increasing the number of fins, 

more than optimum number, natural convection heat transfer 

decrease, the heat transfer coefficient and temperature distri-

butions are investigated for type g. According to Fig. 11, for 

each row, the thermal boundary layer is formed in the vicinity 

of lateral faces of the pieces and as it goes distant from pieces, 

this boundary layer vanishes. However, due to the boundary 

layers interferences, the boundary layers would slowly dissi-

pate in the air flow which, in turn, would result in an ex-

tremely thick boundary layer. The thicker the boundary layer, 

the less the heat transfer coefficient will be (Fig. 12). 

 

5. Conclusions 

In this article, first, the shape and the number of pieces and 

the gap between the pieces in different cases of V-type fin con-

figuration were studied in laminar natural convection condition, 

both experimentally and numerically. By increasing the number 

of pieces, and the gap between them, the ratio of natural convec-

tion heat transfer coefficient of fin configuration, without con-

sidering the effect of base plate, to natural convection heat trans-

fer coefficient of vertical plate, increased. For different cases the 

natural convection heat transfer rate, the natural convection 

coefficient, the thermal boundary layer and the laminar flow of 

the air evaluated and optimum shape is selected. The results 

show that the maximum natural convection coefficient and also 

the maximum natural convection heat transfer rate, takes place 

for the case in which the fin has the least effect on the air flow in 

the vicinity of base plate and also the thickness of thermal 

 
 

Fig. 10. Variation of the forth power of natural convection heat transfer 

coefficient with S\L. 

 

 
 

Fig. 11. Temperature distribution of the Type-g. 

 

 
 

Fig. 12. Variation of heat transfer coefficient contour of the Type-g. 
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boundary layer on the fin is fine. After finding the optimum 

shape, the row spacing is studied, with an increase in the num-

ber of rows (a decrease in row spacing) natural convection heat 

transfer coefficient increases primarily, reaches a maximum 

value where the optimum row spacing is defined and, then, due 

to the interference of boundary layers of rows, steeply decreases 

Finally, a correlation is also presented relating the Nusselt num-

ber with the modified Rayleigh number. 

 

Nomenclature------------------------------------------------------------------------ 

A : Area (m
2
)
 

Ah : Heating area (m
2
) 

p
c  : Coefficient of heat capacity (J/(kg

°
c)) 

d  : Gap between pieces (mm) 

g : Gravitational acceleration (m
2
/s) 

k : Thermal conductivity (W/m
°
c) 

h : Convection heat transfer coefficient (W/m
2
K) 

L : Fin length (mm) 

n : Number of rows 

Nu : Nusselt number 

P : Pressure (N/m
2
) 

pr : Prandtl number 

q" : Heat flux (W/m
2
) 

Ra : Rayleigh number 

S : Row spacing (mm) 

T : Temperature (K or 
°
c) 

U : Total uncertainty 

u,v, w : Velocity in x, y, z directions respectively (m/s) 

x, y, z : Cartesian coordinate (m) 

 

Greek symbols 

α : Thermal diffusivity (m
2
/s) 

β : Coefficient of volumetric expansion (K
-1
)
 

μ : Dynamic viscosity (N/m
2
s) 

ρ : Density (kg/m
3
)
 

ν : Kinematic viscosity (m
2
/s) 

∆T : Base to ambient temperature difference (K) 

 

Subscripts 

a : Ambient 

avg : Average 

b : Base plate 

exp : Experimental 

f : Fluid(air) 

∞  : Ambiant 
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